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The purpose of this investigation was to continue the 
preliminary work of Burrows ( l )  on the application of tuned 
and damped vibration absorbers to the reduction of vibratory  
stresses in a multi-mass torsional vibration system. A 
hypothetical engine system was chosen fo r both investigations 
because i t  had many complicating factors and gave an 
eminently practical subject for study.
Attention was centered on the reduction of stresses 
resulting at higher speeds of the machine system and on 
developing methods and criteria  fo r the designing of e ffec­
tive absorbers where several modes of vibration exist in 
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1INTRODUCTION
The problem Is to determine the fe a s ib i lity  and the 
c rite ria  fo r the addition of more than one vibration  
absorber to eliminate or reduce vibratory stresses in a 
multi-mass system. Specifica lly , the problem Is that of 
reducing the vibratory stresses in a s ix  cylinder, Internal 
combustion engine with flywheel, driving an e lec tr ica l 
generator with attached exciter. The system, composed of 
nine masses, has nine c r it ic a l speeds or speeds at which 
the amplitude of vibration becomes In fin ite ly  large in the 
absence of fr ic t ion . Two o f the c r it ic a l speeds are within 
the operating range of the system; and, therefore, produce 
stresses that are theoretically  in fin ite  with the absence 
of damping.
One of the most practical means of improving the stress 
condition of the system is by the addition of a small 
auxiliary  vibrating system called a vibration absorber, 
which is so designed to provide a maximum of reduction of 
shaft stress fo r a reasonably small size absorber. Ab­
sorbers may be one of three types s l )  a damped and untuned 
type, 2) a tuned and undamped type, or 3) a tuned and 
damped type. The most effective type to achieve the great­
est reduction in stress fo r a given size absorber is  the 
timed and damped type. Unfortunately, the range of 
frequencies over which i t  w i l l  exert a strong influence is  
lim ited; and, i f  c r it ic a l speeds are present involving very
2differen t frequencies, more than one absorber w i l l  be 
necessary.
Answers to the following questions relate to the 
design o f an effective absorber:
(1 ) Where should I t  be mounted in the system so that 
i t  can be made most effective?
(2 ) How large should be the mass o f the absorber?
(3 ) What should be the stiffness o f the absorber 
mounting spring (or shaft)?
(4 ) What should be the magnitude o f fric tion  in the 
absorber to give the minimum stresses over the 
speed range In which the absorber Is effective?
In order to answer these questions, I t  Is necessary to 
solve the set o f d iffe ren tia l equations describing the 
motion of the system Including the absorbers, to determine 
the stresses In the system for the solution, and to minimise 
the stresses with regard to the coefficients representing 
the e ffect of the absorber.
The calculatlve task o f Investigation is so extensive 
that a practical approach has generally been employed. This 
consists of making a series of absorbers with d ifferent  
characteristics and testing the system with each absorber in  
place. The f in a l absorber has then been selected from this 
group as being the best among those tested with no certain
3knowledge that i t  was the best possible absorber of the 
specific size.
Modem computing fa c ilit ie s  now make it  feasib le  to 
determine closely the properties of the optimum absorber 
without expensive manufacturing and testing, provided 
suitable c riteria  can be established to determine these 
properties.
The author selected this subject because of his 
interest in analytical analysis, the f ie ld  of dynamics, 
and the application of d ig ita l computers to the solution 
of engineering problems.
While preparing this thesis, a great deal of assistance 
and encouragement was received from many people. The author 
would especially like to thank Dr. T. R. Paucett for the 
suggestion of the subject and for his patient guidance 
and help during the solution of this problem. Also, 
thanks are given to Dr. A. J. Miles and the members of 
the Mechanical Engineering Department of the School of 
Mines and Metallurgy for their generous encouragement 
during this endeavor. F inally, thanks are due to Miss 
Eugenia Fehlig, my future w ife , for the typing of the 
thesis and the inspiration during the trying hours of 
my work.
REVIEW OF LITERATURE
Frahm (3) was the f i r s t  to eliminate a c r it ic a l speed 
in a vibration system by the application of a Frahm absorber. 
This absorber was invented in 1906, and was used for one 
c r it ic a l speed only. This absorber consisted o f a mass 
and spring tuned to give the maximum reduction of vibration  
at a single frequency. It  did not contain damping.
Another absorber, which employed fric tion  only and did 
not contain a spring member, was devised by Lanchester (5) 
in 1910. This type affords some reduction of vibration at 
a l l  frequencies but is not as effective at a specified  
frequency as the Frahm type.
A combination of these two types, which is  much more 
effective over a large frequency range than either of the 
above, was also studied by Frahm in 1911 and further 
adapted by Den Hartog (3 ). The orig inal and adapted 
analyses applied to a single mass system.
Since the period of invention, absorbers of this type 
have been used e ffective ly  to reduce vibration in multi-mass 
systems, but no analysis fo r optimizing the properties of 
the absorber is  available. Generally, the absorbers have 
been designed by experimental t r ia l .
In order to study an analytical approach to the problem 
the methods devised by Holzer, published In 1921, gives a
5tabular method for the solution o f the n simultaneous 
d iffe ren tia l equations used to describe a torsional vibra­
tion system of n masses. Church (2) demonstrates the 
method of using applied torque in the Holzer table. The 
Holzer method was further extended by Den Hartog and Li (4) 
in 19^6 to include damping in the calculation.
Burrows ( l ) ,  1961, studied the methods used to design 
a vibration absorber to eliminate one c r it ic a l speed in a 
multi-mass torsional system. The methods proceed along 
the lines used by Den Hartog (3) to design an absorber 
for a single mass system, but they deviate in the respect 
that shaft stress, instead of amplitude, is the variable  
to be minimized.
DISCUSSION
A b r i e f  in tro d u c t io n  to  v ib r a t io n  absorbers in  g en era l 
w i l l  be g iven  here f o r  background usage o n ly . For a more 
d e ta i le d  d is cu ss io n , the reader is  r e fe r r e d  to  the th es is  
subm itted by Burrows ( l ) .
The g en era l d i f f e r e n t i a l  equation  f o r  fo rc ed  v ib ra t io n s  
o f  a s in g le  mass to r s io n a l system is  g iv en  be low .
• /  + k& = 7Z cas u/f
Upon s o lv in g  th is  d i f f e r e n t i a l  equ ation  f o r  the am plitude 
o f  v ib r a t io n ,  one w i l l  n o t ic e  th a t when the frequ en cy  o f  
the fo r c in g  torque is  the same as the n a tu ra l frequ en cy  
o f  the f r e e  v ib ra t io n s  o f  the system , an in f i n i t e  am plitude 
o f  v ib ra t io n  w i l l  occur when the va lu e  o f  c i s  z e r o .  A 
resonant co n d it io n  thus occu rs . Accompanying the i n f i n i t e  
am plitude is  i n f i n i t e  s t r e s s ,  and thus fa i lu r e  o f  the system  
occu rs . W ith the a d d it io n  o f  another mass and sp r in g , two 
n a tu ra l freq u en c ies  w i l l  occur which w i l l  be d i f f e r e n t  
than the n a tu ra l frequ en cy  o f  the o r ig in a l  s in g le  mass 
system . This is  the b as is  o f  the a p p lic a t io n  o f  v ib r a t io n  
absorbers to  con stan t speed , s in g le  mass system s. In  e f f e c t  
th is  is  the e lim in a t io n  o f  the n a tu ra l frequ en cy  a t  a 
c e r ta in  speed and the replacem ent o f  i t  by two n a tu ra l 
frequ en c ies  d i f f e r e n t  than th a t o f  the o p e ra tin g  speed o f  
the p h y s ica l system . In  the case o f  a v a r ia b le  speed 
system , th is  w i l l  n o t improve the c o n d it io n ; f o r  th ere  w i l l
7actually b© two c r it ic a l speeds in the operating range 
in place of one. With the addition o f a damping device 
connected between the absorber and the orig inal system, 
the solution of the d iffe ren tia l equation shows that the 
amplitude w i l l  remain fin ite , regardless of the value of 
damping, except for the special cases of zero and in fin ite  
damping. In fin ite  damping would essentially  lock the 
absorber mass to the original system; and thus resu lt in a 
single mass system without damping, which as stated above, 
has an in fin ite  amplitude of vibration at resonance.
With the addition of the absorber mass, two natural 
frequencies occur because the original system, with a single 
degree of freedom, has been replaced by a system having two 
degrees of freedom. This is the result of having two 
independent variables required to describe the system in 
place of one. Thus, with a system of n masses, one Is 
faced with the problem of n degrees of freedom, with n 
simultaneous d iffe ren tia l equations needed to completely 
describe the vibrating system.
A method of solution of the n simultaneous d iffe ren tia l 
equations was orig inally  devised by Holzer (2 ); and the 
mechanics of the solution In tabular form, which is well 
known, w i l l  not be discussed. An example of Holzer*s 
tabular method can be found In table 1. The example shown 
is  fo r the case without damping. Later modification of the 


















1 1 .024 1.000A .024a .024A + 1.000 1 .024a + 1.000
2 1 .024 .975A - 1.000 .023A - .0243 .048A + 1.976 1 .048A + 1.976
3 1 .024 .927A - 2.978 .022A - .0724 .070A + 2.903 1 .070A + 2.903
4 1 .024 .857A - 5.879 .020A - .1430 .091A + 3.760 1 .091A + 3.760
5 1 .024 .765A - 9.639 .018A - .2346 .109A + 4.526 1 .109A + 4.526
6 1 .024 .656a - 14.16 .015A -  .3^0 .125 A 5.182 1 .125A + 5.182
7 1 .024 .530A - 19.3^ .012A - .4711 .138A + 5.711 1 .138A + 5.711
8 1 .024 .391A - 25.05 .009A - .6104 .148A - 6.101 0.5 .296A - 12.20
9 71 1.725 .095A - 37.26 .164 A - 64.20 .312A - 70.30 1.3^ .233A - 5 2 .5 0
10 19.5 .474 -.137A + 15.25 -.065A + 7.230 .246A - 63.07
Table 1
HOLZER TABLE
9value of the spring stiffn ess , k, by a complex spring 
stiffn ess , introducing a damping force 90° out of phase 
with the spring force. To do this, k is replaced by 
k + jwc; and the table is carried out in the same manner.
The exciting torques are introduced at the mass locations.
A b r ie f review of the design of an absorber fo r a single  
mass system w il l  be given to acquaint the reader with the 
basic method of investigation used by Den Hartog (3) for  
a single mass system. A suitable mass is  selected and 
attached to the system, and a value o f spring stiffness is  
calculated to give the absorber mass a natural frequency 
equal to the natural frequency of the orig inal system.
The amplitudes are then calculated and plotted as shown in 
f ig .  la ,  with the value of the damping coeffic ient equal 
to in fin ity . Then, the value of c is set equal to zero, 
and the amplitudes are again calculated and plotted on the 
same curve sheet. In both cases, the independent variable  
is  the frequency of the forcing torque. Using zero damping 
and adjusting the absorber stiffn ess, the intersections,
P and Q, of the two curves can be moved to give each 
intersection an equal ordinate. This constitutes the phase 
of the design called tuning. A plot of the results can be 
found in f ig .  lb . I t  can be seen that the curves for zero 
damping and in fin ite  damping pass through the same point at 
a particular frequency; and i t  can be shown that a l l  curves 





the value of the damping coeffic ient. As stated before, 
zero damping and in fin ite  damping are both accompanied by 
in fin ite  amplitudes; but intermediate values of damping 
w ill resu lt in fin ite  amplitudes. Therefore, i f  one makes 
the amplitude curve pass through the points P or Q with a 
zero slope, P or Q w i l l  be the maximum amplitude. The value 
of c is  adjusted to give the horizontal tangent at P, and 
this concludes the design o f an optimum timed and damped 
vibration absorber fo r a single mass system. The results  
of this absorber in operation can be found in f ig .  lb .
The method of design for a multi-mass system proceeds 
along sim ilar lin es, but with important d ifferences. I t  
was the purpose of the thesis written by Burrows ( l )  and 
the present investigation to determine the method of 
analysis to be applied to the multi-mass system. The 
main deviation is that stress in the shafts Is the variable  
to be minimized instead of amplitude. The reason is that 
the cause of fa ilu re  is  excessive stress at the most highly 
stressed point in the system, whereas there is  no unique 
amplitude in a multi-mass system. In the case of a single  
mass system, as investigated by Den Hartog (3 ), there is a 
unique amplitude which is d irectly  related to stress; and 
thus stress or amplitude can be used as the basis of design.
The system investigated was that of a six  cylinder, 
internal combustion engine with flywheel, driving an 
e lec trica l generator with attached exciter. To make
calculations possible, the system was reduced to an 
equivalent vibrating system of nine masses connected by 
eight massless shafts. The equivalent system is  shown In 
f ig .  2. Calculations were made to find the c r it ic a l speeds 
and two were found in the operating range of the engine.
One was found at 1^60 rpm, and the second c r it ic a l speed 
was found to be at 2000 rpm. The above mentioned 
procedure was applied to the design of a rear mounted 
vibration absorber to eliminate the In fin ite  stresses at 
the f i r s t  c r it ic a l speed in the operating range of the 
system. A plot of the results of the in sta llation  of the 
rear absorber is  shown in f ig .  3. I t  w i l l  be noticed 
that the absorber is  effective in reducing the vibratory  
shaft stresses at the f i r s t  c r it ic a l speed to a value o f 
less than 100 psi, which is  an acceptable value of stress. 
I t  is also apparent that at 1700 rpm the stresses begin 
to increase to in fin ity  because of the presence of a second 
c r it ic a l speed at 2000 rpm and the Ineffectiveness of 
the rear absorber in reducing stresses at this frequency.
I t  was the presence of this second c r it ic a l speed in the 
operating range that prompted the continued investigation  
of this problem to determine the methods and c rite ria  
needed to design a second vibration absorber to eliminate 
the c r it ic a l speed at 2000 rpm.
Before the investigation could be started, several 
decisions had to be made. I t  was found by plotting the 
maximum stress in the multi-mass system that the curve did
FIGURE 2 - EQUIVALENT SYSTEM 
For 3 l/2" Diameter Shaft
Front Rear
s 1,032715 in,-lb-sec2 
J2 = .232715 in.-lb-sec2 
J3 = .232715 in.-lb-sec2 
J4 = .232715 in.-lb-sec2 
J5 = .232715 in.-lb-sec2 
J6 r 1.032715 in.-lb-sec2 
Jf = 3.^ 6 in.-lb-sec2 
J50 = 50.00 in.-lb-sec2 
J8 = 8.00 in,-lb-sec2
: 10.1 in. 
Lg z 10.1 in. 
Ig — 10.1 In. 
Ljj s 10.1 In. 
Lc : 10.1 In. 
1^  = 9.05 in. 
Iy = 10.55 in.
Lg a 29.6 in.
Kl-2 = 17.5 x 106 in.-lb/rad
K2_, a 17.5 x 106 in.-lb/rad
= 17.5 x 106 in.-lb/rad
r 17.5 x 10^  in.-lb/rad
Kc_g s 17.5 x 106 in.-lb/rad
Kg_j, = 19.5 x 10^  in.-lb/rad
Kf-50 = ^*75 x 106 in.-lb/rad
K50-8 s 5,97 x 106 in.-lb/rad
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not retain the same general trend of the curve shown in 
fig. lb for the single mass system. The difference is 
that the shaft stresses rose in a steadily increasing 
manner when the absorber was in place and operating. A 
point that may need clarification here is that fig. 3 is 
a plot of the stresses in shaft 8 of the system and not 
the maximum value of stress in the whole system. The 
steadily increasing stresses did not show the humps 
associated with the stress values at, or near, the inter­
sections P and Q in fig. lb. The reason for this is that 
the maximum stress occurred in different shafts at 
different times. It was then necessary to select one 
shaft which would exhibit these characteristics and to 
proceed with the Investigation on this shaft. It was 
decided that if the shaft having the highest stress could 
be investigated, the Investigation would apply to a 
slightly limited but sufficient extent to the whole system. 
Assuming this to be true, it was necessary to determine the 
shaft having the highest stress.
Prom the Holzer table (p.8 ), it can be seen that as 
long as the amplitude is a positive quantity, the summation 
of the torques on the system increases. When the amplitude 
becomes a negative value, the value of the torque is 
subtracted from the summation column. Thus, the previous 
value of torque is the maximum value because the torque 
increases along the system and reaches a maximum just
16
before the amplitude becomes negative. The point In the 
system where the amplitude changes from a positive to a 
negative value is called a node of the system or a point 
of zero amplitude. Thus, the torque is a maximum on the 
shaft containing a node in the system; and, since stress 
is proportional to torque, the shaft containing the node 
is the most severely stressed shaft. At the first mode 
of vibration or first critical speed, there is one node 
in the system. At the second critical speed, there are 
two nodes in the system; and at the third critical speed, 
there are three nodes. Therefore, in designing the absorber 
for the first mode of vibration, the shaft containing the 
first node was investigated. In designing the second 
absorber for the second critical speed, the shaft contain­
ing the second node was investigated. In the system 
investigated, this turned out to be the 8th shaft for the 
first mode of vibration and the 7th shaft for the second 
mode. These are the shafts on which the optimizing 
criterion was applied.
Another criterion to be established is to determine 
which point in the system is best suited for the placing of 
the absorber. If an absorber is placed at a node, where the 
amplitude is zero, the absorber would have zero vibration 
and be essentially unrelated to the dynamics of the system. 
Therefore, the absorbers are placed at the point of maximum 
amplitude corresponding to the mode of vibration for which
17
they are to be used* For physical reasons the two most 
desirable choices are the front and the rear of the origi­
nal system. Mechanically, it would be a very difficult 
design to place the absorber between two cylinders of the 
engine, but some arrangement could possibly be found to 
accomplish this. Another alternative could be the placing 
of both absorbers on the front or the rear, but this was 
also rejected in favor of placing each absorber on the end 
of the system where the amplitude of vibration is a maximum 
for the critical speed being investigated.
In finding the nodal points of the original system for 
the purpose of determining which shafts are to be investi­
gated, the location of the absorber can also be determined. 
Therefore, before the determination of the system parameters, 
it is necessary to find the shafts containing the nodes and 
the point of maximum amplitude for each mode of vibration 
to be absorbed. In the system being investigated, it was 
found that during the first mode of vibration, or at the 
first critical speed, the point of maximum amplitude 
occurs at the rear of the system; and the point of 
maximum amplitude, corresponding to the second critical 
speed, occurs at the front of the system. Thus, the absorber 
used to reduce the stresses at the first critical speed 
was located on the rear of the system and connected to the 
exciter. The absorber for the second mode of vibration 
was placed at the front of the engine.
18
With the above decisions made, the next step was the 
selection of the particular values of inertia, spring 
stiffness, and damping coefficient. The value of absorber 
inertia to be used for multi-mass systems has not been 
described by any criterion. In general, the larger the 
absorber mass, the more effective it will be. The value 
used was selected by following the method of Den Hartog 
(3) in the design of vibration absorbers for single mass 
systems. The value of inertia was taken to be 5$ of the 
total inertia of the system. This gave an absorber inertia 
of 3.25 in.-lb-sec2 to be used for both the front and the 
rear absorbers. The effects of different values of absorber 
inertia on the design of the absorber is difficult to state, 
and the final choice will probably be based upon economical 
and physical factors. A larger absorber inertia will 
reduce the stresses to a lower level, but will increase 
its size and cost. The increased size and cost may not be 
balanced by a reduction in stress because a small absorber 
has the ability to reduce the stress level to less than 100 
psi, which is such a small value that any further reduction 
would not be needed. A smaller absorber could also be used, 
which would increase the maximum stress, and still have 
stresses within the allowable design limits of the shaft 
material.
Since the system is described by linear equations, it 
was decided that the principle of superposition would be
19
applied to the design of* the second absorber. To apply the 
superposition principle, it was necessary to remove the 
rear absorber from the system and proceed in the design of 
the front absorber for the second mode of vibration while 
neglecting the first critical speed.
Stress calculations were made on the digital computing 
facilities of the Missouri School of Mines and Metallurgy 
for the system with the rear absorber removed, the front 
absorber in place, and the value of damping equal to 
infinity. The results of these calculations are shown in 
graphical form in fig. 4. A plot of the torque remainder 
versus engine RPM for the original system without absorbers 
shows the second critical speed to be 2000 rpm. With the 
addition of the absorber, the plot of stress versus RPM, 
fig. 4, shows the second critical speed to be lowered to 
1500 rpm by the addition of the absorber mass to the system. 
A preliminary value of spring stiffness was calculated from 
the relationship
by solving for k to give a frequency of 150 cps. Since all 
calculations were made with an order number of six, this 
corresponded to 1500 rpm of the engine. The order number 
is the number of vibrations per revolution of the crank­
shaft. This is because of the harmonics present in the 
nonsinusoidal forcing torque and the phase between the 
torques exerted by the various cylinders. A more detailed
20
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discussion of* the order number and harmonic torque analysis 
is given in the previously mentioned thesis submitted by 
Burrows (l). After the initial trial value was found, 
the value was used in the calculation of the stresses in 
the system with the value of the damping coefficient equal 
to zero. The results of these calculations are also shown 
in fig. 4, Prom this point the value of spring stiffness 
should have been adjusted to give the intersections, P and 
Q, of the two curves the same ordinate.
At this time, the conclusion was made that the principle 
of superposition would be difficult to apply because of the 
sharp rise of the stress curves and the ill-defined 
intersections. The calculations could have been continued 
from this point, but the sensitivity of the stress upon 
changes in speed or system parameters was so great that it 
would be very difficult to accurately determine the system 
parameters which would result in an optimum absorber design.
The decision was then made to place the rear absorber 
on the system in an operating manner, which would eliminate 
the first critical speed, and start the determination of the 
front absorber parameters again. The front absorber was 
placed on the system along with the rear absorber, and the 
damping coefficient of the front absorber was set equal to 
infinity. Stress calculations were then run on the system 
with the results shown in fig. 5. One point of interest to 
be noted here is that the second critical speed was lowered
opi+
23
to approximately 1200 rpm, the rpm at which the rear absorber 
was designed to operate. The reason for the presence of the 
critical speed at the speed for which the rear absorber was 
designed to operate is that the rear absorber is relatively 
ineffective at the second mode of vibration because the 
amplitude at the rear of the system is very small. The 
lowering of the critical speed was because of the increased 
inertia of the system from the addition of the front 
absorber. A value of spring stiffness for the front absorber 
was calculated in the previously mentioned manner and entered 
into the calculations. The stresses in shaft 8 were 
calculated with the value of the front absorber damping 
set equal to zero. The results are plotted in fig. 5 *
Prom these results the points of intersection were found, 
and the front absorber spring stiffness was adjusted to give 
them equal ordinates. This value of spring stiffness was 
found to be 8 x 105 in.-lb/rad. With this result, the 
front absorber had been tuned to the critical speed. Next, 
various values of the damping coefficient were used in the 
stress calculations, and a value was found which made the 
resulting stress curve pass through the point P in fig. 5 
with a horizontal tangent. This value was found to be 
1.1 x 10^ lb-in.-sec/rad. Thus, the parameters of the 
system had been selected to give a minimum value of stress 
throughout the operating range of the system. The result 
of both dampers in operation on the system is shown in 
fig. 5, and it can be observed that the stresses are below
24
100 psi throughout the entire operating range.
In order to check: the system to determine if any 
critical speeds were overlooked in the operating range, the 
stresses were calculated for the system starting at 20 rpm 
and continuing to 3700 rpm in increments of 20 rpm. It was 
thought that the only way to be sure that no critical speeds 
were present in the system was to run the stress calculations 
throughout the speed range in smaller intervals than were 
necessary in the determination of the system parameters.
At no time did the stress level reach 100 psi in any shaft 
of the system. These calculations were made after observing 
the rapid changes in stress during the superposition phase 
of the problem.
It is also of interest to note the effect of the 
removal of the rear mounted absorber from the system. As 
previously mentioned, the addition of the front absorber 
lowered the second critical speed to approximately 1200 rpm, 
or the speed at which the first absorber was tuned. In 
effect, this brought the two critical speeds closer together. 
Therefore, by designing the second absorber to eliminate the 
stresses of the second critical speed, it was also effective 
in reducing the stresses associated with the first critical 
speed. To determine the effects of the front absorber only 
on the system, stress calculations were made with the front 
absorber operating and the rear absorber removed. The 
results of these calculations showed the rear absorber to
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have very little effect on the stress level of the system. 
The stresses were approximately equal to the stresses with 
both absorbers operating, and the maximum deviation was 
only 5 psi. This in no way affects the criteria stated, 
because it is a result of this particular system under 
investigation. It is felt that further investigation could 
be made along this line to determine what causes this 
phenomena in a particular system in order to determine 
where multiple absorbers are necessary.
The computer flow chart used in the calculations 
can be-found in the appendix on page 32.
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CONCLUSIONS
The results of this investigation were very good in 
that the problem of eliminating the infinite stresses at 
the two critical speeds was completed in a very satisfactory 
manner. The operating range of this particular system 
contains no stresses above 100 psi from 0 to 3700 rpm, and 
the values of the system parameters are not unreasonable 
to obtain.
It is the author's belief that the method presented 
here could be extended to more critical speeds if needed 
and if suitable places were available for the mounting of 
the absorbers. However, the values encountered in the 
calculations become very large and change at such a rapid 
rate that the accuracy of the calculations becomes question­
able. Three, or possibly four, critical speeds could be 
eliminated, but critical speeds above this number require 
a very accurate means of calculation.
It is believed that this problem could be programmed 
on a very fast digital computer, and the design carried out 
in a few hours with much of the decision making programmed 
into the computer.
A summary of the design steps will now be presented.
The design commences with the reduction of the given system 
to an equivalent vibrating system by methods applicable to 
the particular system under Investigation. One must then
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complete the forcing torque harmonic analysis to determine 
the order numbers to be used in the calculations. Torque 
remainders for the unforced and undamped original system 
are then calculated as a function of speed to determine 
the critical speeds that need to be considered. A forced 
table calculation is then made on the original system using 
the value of applied torque from the harmonic analysis. This 
is used to determine the shaft containing the node and also 
the point of maximum deflection for the critical speed 
under consideration. This information is used to determine 
which shaft to investigate in the stress calculations, and 
the point of application of the absorber to the original 
system. A reasonable absorber mass is selected, and the 
first absorber is placed on the system at the point of 
maximum deflection for the first critical speed. Stress 
calculations with infinite damping are then made on the 
shaft containing the node of the first mode of vibration 
with the results being plotted versus rpm. A spring 
stiffness is then chosen to make the natural frequency of 
the absorber coincide with the frequency of the first mode 
of vibration. The value of damping is reduced to zero.
The stresses are again calculated and plotted on the same 
curve sheet; thus establishing the intersections P and Q.
The spring stiffness is then adjusted to give points P 
and Q the same ordinate. The tuning phase has now been 
completed. Damping is now introduced into the system, and 
the damping coefficient is adjusted to give a horizontal
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tangent through either point, P or Q. Either point can 
be used; and, while the stress curve will not pass through 
the other point with a horizontal tangent, the curve will 
normally not rise much above the point. When this step has 
been completed, the first absorber design is complete; and 
attention will now be focused on the second critical speed 
with the first absorber in place and operating. One then 
returns to the step in which the absorber is added to the 
system, and the damping coefficient is set to infinity.
The second absorber is added to the system at the point 
of maximum amplitude for the second mode of vibration, and 
the stresses are calculated for the most severely stressed 
shaft in the second mode of vibration. The results are 
plotted as stated above. The procedures following this 
step are repeated until the last absorber design is 
completed.
The research for this thesis was done to determine the 
methods of design for an optimum vibration absorber; but, 
in the final analysis, it is questionable if the optimum 
absorbers have been selected for the given system. It is 
certain that the best absorbers with an inertia of 3.25
pin.-lb-sec , located at the front and rear of the system, 
have been selected; but this is not necessarily the optimum 
conditions. Truly optimum design may be very difficult, if 
not impossible, to achieve because of the great number of 
possible combinations of system parameters. However, this
29




1. Burrows, J. R. (1961) Preliminary Study of an 
Optimum Vibration Absorber for a Multi-Mass 
System with Multiple Excitation. Thesis, Missouri 





Church, A. H. (1957) Mechanical Vibrations. 
John Wiley, New York, pp. 146-152.
Den Hartog, J. P. (1956) Mechanical Vibrations, 
4th ed., McGraw-Hill, New York, pp. 122-133.
Den Hartog, J. P. and Li, J. P.. (December, 1946) 
"Forced Torsional Vibrations with Damping; an 
Extension of Holzer's Method”, Journal of Applied 
Mechanics, pp. A267-A280.
Lewis, F. M. (1944) "Dynamic Effects", Marine 
Engineering, vol. II, Society of Naval Architects 
and Marine Engineers, New York, pp. 76-105.





-r  —  L i  hi
n irD*
P O P  # 0 L 2 £ P  T/fS\ £
3 3
VITA
James Carlos Villegas, son of Antonio (deceased) 
and Laverta Villegas, was born in Chicago, Illinois 
on October 13, 1935* He moved to St. Louis, Missouri 
when he was six months old, and lived there until 
September 1953* At that time, the author enlisted in 
the United States Marine Corps, and after serving 
three years of active duty was honorably discharged 
in September 1936. In September 1956 he enrolled 
at the Missouri School of Mines and Metallurgy in 
the Mechanical Engineering Department and received 
a Bachelor of Science Degree in May I960. In September 
I960, the author entered the Missouri School of Mines 
and Metallurgy as a Graduate Assistant to do graduate 
work. The author will be married to Miss Eugenia Pehlig 
in St. Louis, Missouri in June 1962.
